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NUMERICAL MODELLING AND SIMULATION OF A SQUEEZE FILM
DAMPER

SUMMARY

The squeeze film damper is known as a type of hydrodynamic journal bearings which
are used in different machines and industries such as automotive turbochargers, aircraft
engines, gas turbines and compressors. It is used to improve rotordynamic response of
a machine and ensures a stable operation. It also can be used to reduce vibrations due
to unbalance of rotor and to reduce the loads transmitted to structural component. A
typical squeeze film damper has a stationary housing and a journal which is prevented
from rotation. The stationary and rotating components are separated by a film
lubricant. The journal center performs an orbital motion around housing axis and this
motion causes oil movement. The journal squeezes oil out from the journal surfaces
and this squeeze action generates oil film pressure and provides useful cushioning. The
objective of this thesis is to develop a numerical model by using MATLAB for a
squeeze film damper based on Reynolds equation including fluid inertia. Oil film
pressure and circular shaft orbit is simulated by using this model. Sensitivity analyses
are completed to simulate the effect of different oil properties, operating conditions,
and damper geometry. It is aimed that this model would serve as a basis for an evolving
program that can be used in the development of future squeeze film dampers. The
analytical model is validated with the experimental data found in literature. The
analytical model results showed a good agreement with experimental data in terms of
pressure values and behavior of the system. The oil film pressure distribution and oil
film thickness along the circumference of the SFD are calculated and plotted. The
maximum oil film pressure occurs at closest to the minimum film thickness location.
Rotor unbalance load is strictly dependent on whirling speed. Therefore, once speed
increased, unbalance load also increased. Increased unbalance load resulted with
higher oil film pressures since oil is squeezed more between journal and housing
surface and it created more reaction force. Final journal orbit became circular once it
reaches to steady-state condition for different analyzed speeds. Due to rotor weight,
the shaft orbit centers are not aligned with geometric center of housing. For higher
speeds, orbit center is found closer to geometric center. Since smaller Reynolds
numbers are analyzed, the significant effect of fluid inertia has not been observed.
Rotor weight increase provided more oil film pressure due to oil is squeezed more.
Simple central groove is modeled to divide the damper geometry into two identical
segments. Peak pressures are occurred at each side of damper. Pressure decreased at
groove location and this pressure decrease caused that system reached to balance
condition at higher eccentricities. Groove is added to the system which journal is
whirling at fixed eccentricity. In this system, pressure decrease due to groove is seen
more clearly.
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SIKISTIRMA ETKIiLi YAG FiLM SONUMLEYIiCIiNiN SAYISAL
MODELLENMESI VE SIMULASYONLARI

OZET

Sikistirtlmis yag damperi hidrodinamik mil yatagimin bir tiriidiir ve farkli
endiistrilerde ve makine tiplerinde kullanilir. Otomotiv asir1 doldurmalarinda, ugak
motorlarinda, gaz tiirbinlerinde ve kompressorlerinde kullanilir. Makinelerin rotor
dinamigini gelistirerek dengeli bir operasyon saglar. Rotorun dengelenmemis
yiikiinden kaynaklanan titresimleri ve mili destekleyen statik parcaya iletilen yiikleri
azaltir. Sistem genel olarak bir milden ve mili destekleyen statik bir parcadan olusur
ve bu iki parga arasinda yag bulunur. Kaymali yataklarda oldugu gibi mil dénme
hareketi yapmaz. Milin veya milin {izeride konulmus rulmanin dis bileziginin donmesi
donmeyi engelleyen mekanizmalar sayesinde engellenir. Mil donmek yerine bir
yoriinge etrafinda titreme hareketi yapar ve bu hareket sirasinda aradaki yag belli
yerlerde mil tarafindan sikistirilir. Bu sikistirma hareketi mil etrafinda yag basinci
olusturur ve statik parcaya iletilen yiklerde sénimleme veya azaltma etkisi yapar.
Sikistirma hareketinden dolay1 olusan basing farkli degiskenlere baglidir. Ana olarak
yatagin ve milin geometrisine, hareket eden ve duran parca arasindaki bosluga, yatagin
uzunluguna, milin yoriinge etrafinda donme hizina, sisteme saglanan yagin iletilme
sekline, yagin ozelliklerine, yag besleme basincina ve milin dengesizlik haline ve
agirlina baglidir. Olusan yag tabakasinin kalinlig1 milin yatak ekseninden yatay ve dik
eksenden kagikligina ve milin pozisyonuna baghdir.

Bu tezin amact MATLAB kullanilarak sikistirilmis yag damperi i¢in sayisal bir model
olugturmaktir. Olusturulan modelde bazi varsayimlarda bulunuldu. Yagin
vizkositesinin ve yogunlugunun zamanla degismedigi, akisin diisiik Reynolds
sayilarinda gergeklestigi, yag tabakasinin ince ve yagin agirligmin ihmal edildigi,
yagin sicakliginin sabit tutuldugu ve malzeme deformasyonun goriilmedigi kabul
edildi. Bu kabiiller ile Reynolds denklemi sadelestirilip yagin ataleti denkleme eklendi.
Sonrasinda kurulan modelin dogru ve hizli sonu¢ vermesi amacglandigl i¢in tiim
denklemler boyutsuz hale getirildi. Denklemin analitik bir ¢6ziimii olmadig1 i¢in sonlu
farklar yontemi uygulanarak basit bir sayisal model elde edildi. Coziimiin hizlh
yakinsamasi i¢in SOR faktorii kullanilarak denklem son haline getirildi. Kurulan
model ilk etapta verilen mil pozisyonu ve eksen kagikligi ile yag tabakasinin kalinligin
hesapladi. Sonrasinda bu tabakanin kalinlig1 kullanilarak yag basinci iteratif bir sekilde
hesaplandi. Eski ve yeni hesaplanan basing her nokta i¢in verilen yakinsama kriterinin
altina diistiiglinde milin bulundugu pozisyondaki dairesel basing dagilimi hesaplanmis
oldu. Detayli bir kavitasyon modeli kullanilmadi. Bunun yerine yiik tagima kapasitesi
kabul edilebilir bir hatayla hesaplanabilidigi i¢in Yari-Sommerfeld metodu kullanildi.
Bu varsayimla atmosfer basincinin altinda kalan tiim basinglar atmosfer basincina
esitlendi. Bu calismada yagin olusturdugu tepki kuvvetleri milin dengesizlikliginden
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dogan kuvvet ve milin agirhigindan gelen kuvvetlerle dengelendi. Kuvvet dengesi
saglanana kadar milin her agisal pozisyonu i¢in milin eksenel kagiklig artirildi. Denge
saglandiginda milin bir sonraki agisal pozisyonuna ge¢ildi. Program milin tiim agisal
pozisyonlart i¢in ¢alistirildiktan sonra durduruldu.

Kurulan modelin daha sonraki sikistirilmis yag damperlerinin gelistirilmesi igin bir
temel olmasi amaglandi. Sayisal modele literatiirde bulunan deneysel bir makalenin
calisma kosullar1 ve geometrisi girildi. Hesaplanan basing dagilimi ve tepeden tepeye
basing degeri deneysel veri ile karsilastirildi. Model sonuglarina gore olusan basing
degerleri ve sistemin davranisi deneysel veri ile iyi bir eslesme gosterdi. Model
dogrulandiktan sonra farkli tasarim parametreleri girilerek dairesel ve eksenel olarak
yag basincinin dagilimi ve yag tabakasinin kalinlig1 hesaplandi. En yiiksek yag basinci
beklenildigi gibi en dusiik yag tabakasinin oldugu yerin ¢ok yakininda gézlemlendi.
Mil yag tabakasinin ince oldugu yerlerde daha fazla sikistirma etkisi yaptigindan
dolay1 yiiksek basinglarin bu alanlara yakin yerlerde goriilmesi bekleniyordu. Milin
yoriingesi her agidaki eksen kagikligi alinarak ¢izildi.

Farkli damper geometrisinin, calisma kosullarinin ve yag o6zelliklerinin basing
dagilim1 ve mil ydriingesi tizerindeki etkisi incelendi. Yatagin yiik tagima kapasitesi
farkli durumlar igin hesaplandi. Ilk olarak farkli hiz degetlerinin olusan yag basinci
Uzerine etkisi incelendi. Milin donmesinden kaynaklanan dengesiz yik milin bir
yoriinge etrafindaki donme/titreme hizina fazlasiyla baglidir. Bundan dolayi, hiz
artirtldiginda milin dengesizlik yiikii de arrt1. Artan bu yiik, yagin mil ve statik parca
tarafindan daha fazla sikistirilmasindan Otlru yag filminin basincinin artisina sebep
oldu. Sistem denge durumuna geldiginde milin donme yoriingesi farkli hizlar igin
dairesel oldu. Milin agirligindan dolay1, milin ydriingesinin merkezi statik parganin
merkezi ile eslesmedi, yergekimi ivmesinden 6turt yoriinge merkezi yatak merkezin
altinda tespit edildi. Yiiksek hizlarda yoriingenin merkezinin geometrik merkeze
yaklastig1 gozlemlendi. Mil yatay eksenden 180 derecelik konuma geldiginde eksenel
yondeki tepki kuvveti diisey eksende olusan tepki kuvvetinden yiiksek hizlar i¢in daha
fazla bulundu.

Kiigiik Reynolds sayilar analiz edildigi i¢in yagin ataletinin olusan yag basinci ve
milin yoriingesinin ¢apinda belirli bir etkisi gorilmedi. Grafiklere yakindan
bakildiginda digerlerine kiyasla yiiksek hizda ataletin etkisi diislik hizlara gore daha
fazla bulundu. Milin yoriinge etrafindaki hareketinden dolay1 normal sartlarda yagin
sicaklig1 yapilan isle orantili olarak artar. Sicaklik arttiginda yagin vizkozitesi diiser
ve sistemin verimliligi diiser. Bu degisimi gézlemlemek i¢in farkli viskozite degerleri
icin yag basing grafigi cizildi. Endiistride sik kullanilan ISO VG 2 yagmin 6zellikleri
kullanildi. Beklenenin aksine diisiik vizkositelerde daha fazla yag basinci olustu.
Kurulan modelde milin eksen kagiklig1 yiikk dengesini saglamak icin degistiginden
oOtiirli, yag tabakasinin kalinhig1 da stirekli degisti. Yag kalinliginin tabakasi sabit
olmadigindan otiiri farkl viskozite degerleri i¢in basinglarin karsilagtirmasi dogru
sonu¢ vermedi. Model ilk basta deneysel bir makalenin verileri ile dogrulanmisti. Bu
deney diizeneginde milin yoriingesinin yarigapi sabit tutuldugu i¢in yag tabakasinin
kalinlig1 da farkli mil pozisyonlari i¢in degigmemisti. Bu nedenle vizkositenin yag
basing dagilimi iizerindeki etkisini dogru goézlemleyebilmek i¢in milin yoriinge
yarigapt sabit tutuldu. Diisiik vizkositelerde beklenildigi gibi daha diislik basinglar
goruldu.

Milin agirhigmin etkisinin basing dagilimi ve milin ydriingesindeki degisimini
gozlemlemek icin agirlik iki katina ¢ikarildi. Yag daha fazla sikistirildigindan 6tiirii
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milin agirligmin artirilmas: daha fazla basing olusmasina sebep oldu. Ayni zamanda
hareket ilk baslatildiginda mil daha agir oldugu i¢in eksen eksen kagiklig1 daha fazla
bulundu. Daha agir mil igin yik dengesinin saglandigi durumda milin yatagin
ceperlerine daha yaklastig1 gozlemlendi. Basing dagiliminin degisimine bakmak igin
model statik parcanin ortasina ¢evresel ve olglleri belirli olan bir oyuk konularak
giincellendi. En yiiksek basing normal sartlarda ortada goriiliirken, oyuk yag akisinmi
iki esit pargaya boldiigl icin beklenildigi gibi basing iki farkli noktada en yiiksek
seviyesine ulasti. Oyugun oldugu alanda basing diisiikliigli yasanmasindan otiirt,
sistem daha yiiksek yoriinge yarigapinda dengeye ulasti. Sabit yaricapli yoriingeli
sisteme oyuk eklendigi durumda ise basing diisiisii cok daha net gézlemlendi.

Bu caligmada, ileride yapilan kabiillerin degistirilmesiyle ve daha gercekgi tasarimlar
kullanilarak gelistirilebilecek bir sayisal model kurulmustur. Bu model ileride daha
detayli bir kavitasyon modellenmesiyle, sizdirmazlik elemanlarinin modele dahil
edilmesiyle, yiizey kalitesinin denklemlere eklenmesiyle ve/veya yag besleme
kanallarinin modellenmesiyle gelistirilebilir. Ayrica modelin dogrulanmasi i¢in bir test
diizenegi kurulabilir. Modelin daha ger¢ekei kosullar1 icermesiyle yapilabilecek farkli
tasarimlar, farkli operasyon kosullar1 ve/veya farkli yaglarin kullanilmasi simiile
edilebilir ve ilerde biitiin bu degiskenlerin etkisini gozlemlemek i¢in kurulmasi
gereken test diizenegi sayisini en aza indirgeyebilir.
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1. INTRODUCTION

Squeeze film dampers (SFDs) are known as a type of hydrodynamic journal bearings.
They have been used in rotor supporting structures of many applications such as
automotive turbochargers, aircraft engines, gas turbines and compressors, industrial
steam turbines to reduce vibrations due to unbalance of the rotor, reduce the loads
transmitted to structural component. SFDs also improve the rotordynamic

characteristic of a machine and ensure a stable operation.

A typical squeeze film damper consists of a stationary housing and outer and inner
rings, roller assembly as journal. Outer ring is prevented from rotation by an anti-
rotation mechanism such as retaining ring or anti-rotation pin. The stationary and
rotating components are separated by a film of lubricant and lubricant is supplied to
the damper clearance mostly through feed holes located in the housing. The journal
center performs an orbiting motion around housing axis due to eccentricity of rotating
and stationary components (residual unbalance of rotor). This motion causes the
movement of oil and generates squeeze film pressure which creates fluid film reaction
forces on the journal. These forces provide attenuation of transmitted bearing loads

and reduction of rotor vibrations.

The damping characteristic of SFD is highly dependent on bearing and housing
geometry, oil supply line and pressure, type of end sealing, lubricant type and

properties, operational parameters, cavitation, and others.

Squeeze film dampers improves high performance rotor-bearing system stabilities by
reducing the vibrations. However, air entrapment in oil film leads a bubbly lubricant
and it causes reduction in dynamic fluid film forces and overall damping performance
subsequently. Younan et al. [1] presents a new formulation of the pressure evaluation
within the squeeze film damper by using nonlinear Reynolds equation pressure. This
formula includes the effect of entrained air bubbles into lubricant and their results on
changing lubricant properties, effective lubricant density, and viscosity. The density

and viscosity formulas are modified by using air-to-oil mass ratio to introduce air



bubble effect into the problem. The results are validated with the experimental data
presented in work of Tao et al. [2]. The model results on load capacity and pressures
are found in good agreement with experimental data. The analysis showed that air
bubbles entrained in oil decreases the oil film pressure and its load capacity. Also,

vibration response increased per analysis.

Xing et al. [3] set up a test rig to understand the cavitation phenomena including
beginning of cavitation bubbles, formation, and evolution of them. Once cavitation
begins, shape of bubbles and evolution of them are recorded by a high-speed camera
while shaft position and eccentricity are tracked by help of proximity sensors. The
cavitation evolution at different shaft speeds is shown in Figure 1.1. It is seen from the
figure that air bubbles become more visible with increased speed. At low speeds,
cavitation has more likely a fern-leaf pattern and the shape of gaseous cavitation
changes to round bubbles with increasing speed since they start merging and are
separated by flowing oil streams. When oil pressure falls below to vapor pressure,
vapor cavitation occurs. In the experiment, vaporous cavitation begins around
2000rpm. Once speed is increased further, fluid cannot follow the shaft whirling
motion due to fluid inertia and the increase in the cavitation area can be seen.
Numerical simulations for the cavitation model created by same authors are validated

with the experimental results.

Figure 1. 1: Cavitation observation at different speeds a) 1000rpm b) 2000rpm c)
3000rpm.

The reaction force of squeeze film depends on different parameters such as operating
conditions, lubricant type, and properties, bearing geometry and type of seals. The

lubricant supply mechanism to the damper area is one of the critical items of SFD



theory. As conventional practice, lubricant is supplied to into grooves at constant
pressure and it is assumed that flow source is endless and there is no interaction
between groove and film lands. Andrés [4] presented that a groove generates dynamic
oil film pressures instead of isolating the film lands and ignoring the effect of central
groove significantly affects the SFD dynamic forced response. In the further study of
Andrés and Jeung [5], experimental measurements showed the evidence of feed groove
effect on generated hydrodynamic oil film pressures. This discrepancy is occurred
since a simpler physical model is used while lubricant passes from the orifices and
swirls in the groove before it enters to film lands. The model introduces an effective
groove depth which is the representation of a divided streamline between main vortices
and film land [6]. In 2018, Andrés et al. [7] presented the measurements of the dynamic
force response of SFD from two configurations. The first test is conducted with an
SFD has one end flooded in a lubricant bath and other end is opened to ambient and
oil flows from top to bottom by gravity. The lubricant is supplied to film lands through
3 feedholes in the second test while other parameters and operating conditions are
identical in both tests. The results showed that flooded SFD generates about 30% more
damping than the SFD configuration with feedholes for small amplitude orbits since
feedholes causes distortion on the pressure.

The Reynolds theory of lubrication was formulated by Osborne Reynolds over a
century ago and obtained based on the assumptions of constant viscosity, Newtonian
lubricant, thin film geometry, negligible body force. Also, fluid inertia is neglected
based on the assumption of that inertial forces are negligible relative to viscous forces
[8]. However, in further studies, it is seen that inertia forces are significant at large
velocities and fluid inertia effect should not be neglected. Andrés and Vance [9]
analyzed the effect of fluid inertia on the force response of finite-length squeeze film
dampers to circular-centered motions. An approximate finite-length SFD solution is
obtained by including the inertia effects and solution is validated for small Reynolds
numbers. Also, pressures are found comparable with the measured and predicted

pressures presented in their previous work for an orbit radius, € = 0.5.

Hamzehlouia and Behdinan [10] worked on a numerical model which includes
lubricant inertia to the hydrodynamic pressure distribution. The analysis completed in
this work shows the significant contribution of lubricant inertia to the fluid dynamics.

Based on the results, pressure magnitude is increased, and pressure distribution is



changed by including the inertia effects. The shape of pressure is seen as sinusoidal at
small Reynolds numbers, but it transformed to cosine wave for larger Reynolds
number. Based on the simulations, including fluid inertia attenuates steady-state
vibration amplitudes of system significantly at large rotor speeds while there is no
significant change at smaller Reynolds numbers. Figure 1.2 shows the vibration
amplitudes at given parameters for two cases; no inertia effect and included inertia

effects.
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Figure 1. 2: The effect of fluid inertia on the steady-state vibration amplitudes of the
rotor system - no inertia effects vs. complete fluid inertia.
In the literature, some assumptions on the cavitation pressure have been made such as
cavitation pressure equals to ambient pressure if SFD is exposed to ambient air and
cavitation pressure equals to vapor pressure in case of SFD is flooded in lubricant bath.
Estimation of accurate cavitation pressure and definition of cavitation boundaries are
the difficulties of building a cavitation model. Fan et al. [11] worked on a lubricant
cavitation model by using both Gumbel’s boundary condition and Elrod algorithm to
compare the effect of different cavitation boundaries. The lubricant inertia effect is
also explored by integrating cavitation model into fluid inertia model. Simulation
results are validated with an experimental data in the literature. A sensitivity analysis
performed shows the effect of cavitation boundaries and fluid inertia for different
eccentricities and speeds. Results showed that cavitation region is smaller for Elrod
cavitation model predictions than Gumbel’s model for a smaller eccentricities and

relatively larger Reynolds numbers.

There are numerous studies on the effect of fluid cavitation on the SFD performance

in the literature. The ingestion of air into film land and air entrapment are significantly



affected by lubricant supply mechanism, amplitude and frequency of journal motion
and type of SFD end sealing. Seals are used to restrict the oil leakage from damper
ends to contain the oil within the damper area during operation. They also prevent air
ingestion to the damper clearance. There are different types of end sealing such as
piston rings, endplates, O-rings. Levesley and Holmes [12] compared the effects of
end-seals and piston rings on the dynamic capacity of an SFD by experiments. The
results showed the higher damping forces are generated when piston rings are used for

end sealing.

Andrés and Delgado [13] presented experimental results of a mechanical seal
application. Damper housing used in the test includes a circular groove at the damper
exit and normal force is applied to the mechanical end seal during test. This provided
different level of sealing depending on the amount of applied force. The test includes
three steps. Firstly, damper mass and structural stiffness are obtained with no
mechanical seal in contact (as open ended) and no oil flow case. Second test is done
to determine the dry-friction force and corresponding viscous damping characteristic
by applying dynamic load to mechanical seal without oil flow. Lastly, oil is supplied
to the system and dynamic loads applied to estimate the force coefficients of the
system. These tests are done to understand the coefficient of squeeze film damping by
subtracting the coefficient of dry friction from system force coefficient. The results
showed the effect of mechanical end sealing on preventing air ingestion into the

damper and oil leakage from damper ends.

The traditional squeeze film damper consists of cylindrical journal or bearing and this
type of SFDs is referred to as passive SFD in the study of Mu et al. [14]. Passive SFDs
have the advantages of geometric simplicity and low cost but also become
disadvantageous in case of several vibration modes are occurred in the system. In the
same paper, a theoretical model with the truncated cone outer ring is introduced and
called active squeeze film damper. The diameter, land length and bearing radial
clearance can be controlled by axial movement of ring. It controls the rotor vibrations

by selecting the optimum bearing geometry.

The objective of this thesis is to develop a numerical model for a squeeze film damper
based on Reynolds equation including fluid inertia. Oil film pressure and circular shaft

orbit is simulated by using this model. Sensitivity analyses are completed to simulate



the effect of different oil properties, operating conditions, and damper geometry. It is
aimed that this model would serve as a basis for an evolving program that can be used

in the development of future squeeze film dampers.



2. MATERIAL AND METHOD

Squeeze film dampers are the critical components of applications to attenuate the
undesired vibration amplitudes or reduce the loads transmitted to the structural
components. SFDs are used to have more stable operation of the system. They are

mostly used in high speed turbomachinery.

Working principle of SFD, governing of equations, boundary conditions and

numerical solution are shown in detail in following sections.

2.1. Working Principle of SFD

A stationary support or housing and journal (bearing) are the main components of a
typical squeeze film damper. Bearing consists of inner ring, rolling element, cage and
outer ring and outer ring is prevented from rotation by a mechanism. Anti-rotation of
mechanism of outer ring is achieved by a retaining ring or anti-rotation pin. Figure
2.1 shows two type of anti-rotation mechanism for outer ring which is presented in
study of Cusano and Funk [15].
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Figure 2. 1: Anti-rotation mechanism of an outer ring (a) Anti-rotation pin [10] and
(b) Retainer spring.

The annular region between the stationary and rotating components are filled by
lubricant and lubricant is supplied to the damper clearance mostly through feed holes
located in the housing. Figure 2.2 shows the journal and bearing geometry as journal
is whirling within the bearing. The component dimensions are not scaled, and they are
exaggerated for better representation. The SFD geometry is defined with bearing
radius r, radial clearance between bearing and journal ¢ and the length L. The film
thickness between journal and bearing support is shown as “h” and it changes as

journal whirls and lubricant displaces.
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Figure 2. 2: Squeeze film damper bearing geometry and coordinate system.

The journal center performs an orbiting motion around housing axis due to eccentricity
of rotating and stationary components. This motion causes the movement of oil and
generates squeeze film pressure distribution which creates fluid film reaction forces
on journal. These forces suppress the undesired vibration and reduce the transmitted
bearing loads. The dynamic forces created by SFD are mainly dependent on damper
bearing geometry, operational speed, and lubricant properties. Figure 2.3 shows the
pressure distribution due to eccentricity between journal and bearing support center
and whirling motion of journal around housing axis where whirling speed of journal
is w. Attitude angle and eccentricity e defines the journal position within the bearing
as @ is the attitude angle, ex and ey are the eccentric position of journal. Eccentric
positions are found as follows:

e, = ecosP (2.2)
e, = esin® (2.2)
The maximum film thickness (hmax) occurs at 6 =(@+n) and the minimum film
thickness (hmin) occurs at @ =@. 0 is the angular location of the journal for an unknown
oil film thickness h. Film thickness h is described by the following approximation [8]:

h = c — eycost — e, sinb (2.3)

h = c(1 — ecosf — ecosB) (2.33)

where c is the radial clearance and ¢ is the eccentricity ratio of the bearing (e=e/c).



Figure 2. 3: Representation of squeeze film pressure distribution.

The whirling motion of journal squeezes oil out from the sides, and it takes a finite
length of time. During this time, the fluid provides useful cushioning. It is known as

load carrying capacity of the damper.

2.2. Governing Equation

Schematic model of an SFD is given in Figure 2.2. The instantaneous oil film pressure
distribution can be found based on generalized Reynolds equation. Fluid inertia effect

is included. To simplify the Reynolds equation, following assumptions are used:
i.  Newtonian fluid — constant viscosity
ii.  Incompressible fluid — constant density
iii.  Laminar flow — low Reynolds numbers
iv.  Thin oil film and negligible oil mass
v.  Isothermal flow

vi.  No material deformation
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With the assumptions above, Reynolds equation can be expressed in cylindrical
coordinates as follows:

9 [ .opy\ 8/ .dp oh 9% (2.4)
9 (43 PP\, 9 (139P\_ 4, " 20°h
90 (h r69> HEE (h 62) Lpgr+ P55

where z and 6 are the axial and circumferential coordinates, r bearing radius, h oil film
thickness, u oil viscosity, p oil density, t time and p is the oil film pressure. The film
pressure varies in both circumferential and axial directions. The first and second terms
on left-hand side of the equation represent circumferential and axial flows. The right-
hand side term of the equation 2.4 has only time dependent terms which are squeeze

film term and fluid inertia term, respectively.

Equation 2.4 is normalized to equation 2.5 by introducing non-dimensional

parameters.
0 <H3 ap) Y 0 (H3 aP) £ oH . 0%H (2.5)
a0\" 90 az\" 8z) =~ ““ar " "¢ 12
Dimensionless parameters are as follow:
h :
g=" (2.5a)
c
_ pc? (2.5b)
" R?wu
T = wt (2.5¢)
z 2.5d)
7= (
L
_r (2.5€)
A=1
Dimensionless terms are shown with capital letters.
Equations 2.1, 2.2 and 2.3a are also normalized as follows:
&x = €Cc0sP (2.6)
&y, = esin® 2.7)
H =1+ ecosfO (2.8)
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where c is bearing radial clearance, w is shaft whirling speed, L bearing axial length,

€ eccentricity ratio and Re is the Reynolds number expressed with (pc2m)/s.

2.3. Numerical Solution

Analytical solution of the equation 2.4 does not exist. To illustrate the simple
numerical model, center difference method is applied to dimensionless Reynolds
equation given in equation 2.5.

N
N-1 >
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I Firt Az
i AB
+ >
0 1 M-1 M

Figure 2. 4: Finite difference mesh schematic.

The internal surface of the SFD can be flattened to be a rectangular plane with 360 x
100 (M x N) grids along circumferential (¢) and axial (z) direction respectively, while
element sizes, 46 equals to 2z/M and 4Z equals to L/N. Referring to Figure 2.4, center

difference method is used to obtain the partial derivatives as follows:

OP _ Piyyj— Py, (2.9)
7} 2A0
0P _Pyjy1—Pyj (2.10)
0z 207
9P _ b1 m 2P+ Piya (2.11)
062 AG?
%P _ Pij_1 = 2P j+ Pijyq (2.12)
VA AZ?
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Subsequently, equation 2.5 is numerically discretized as follows:
1% term of left-hand side of equation 2.5

0 (H3 6P>
00 00
i(H3 6_P) _ 3y, 2 (Hiv1; —Hi—1;) (Pivaj— Pigy) (2.13a)
00 a0 (PU op 2A9P ) 240
s (Pi—1j = 2Pj + Piyqj
+ Hl-'j 102
i(H36—P) = P, .(3H"'12H”1'f _ 3Hy"Hiy  Hyp? (2.13b)
o\ 96 i+l 446° 446? 462
— P; .(SHU Hiv1;  3Hy Hiq;  Hiy )
i-1j 5 4002 4402 A2
2Hi,j
ij 462

2" term of left-hand side of equation 2.5

oP
2_— H3—>
4 02( 0Z
0 oP H; # H; * (2.14)
2 (19 55) = Pujd [ 325 ] + Py (22 325
0z 0Z J AZi J AZ?
H: .
2 L
— P;j[24 Azz]
Right-hand side terms of equation 2.5
12 6H+ ReH? o°H
ar + ¢ 12
. 6H+ r HZ(’)ZH (2.15)
ar T "¢ ar2 t »
_ 12[Hi,j() _ Hi,j( —At)
A(7; (t-4t) (¢—241)
H. (O _ g (=40 . o (=24t
20 10,j i,j Lj
+ ReHi‘j [ ATZ ]

Discretized equation 2.5 can be rearranged by using equation 2.13b, 2.14 and 2.15 with
the coefficients A1, Az, Az, A4, As and As.
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APy — ApPiqj + AgPijiq + AyPijq — A (2.16)

P,
H As + As
where,
H, (2.17)
Ay = 2102 (BHiy1,; — 3H;—q; + 4H; )
H;;* (2.18)
Az = g7pz GHivyj — 3Hiq; — 4Hy))
2H,; (2.19)
A3 = —
4402
2
A - 72 H; (2.20)
4 AZ?
H; (2.21)
A5 - 212 _l,]
AZ?
Hi,j(t) . Hi,j(t—At) 2.22)
Ag = 12] T ]
H, O _ oy (=40 4 o (t-240)
+ REHL'J'Z[ L) 2l e/ ]

AT?

Equation 2.16 is the final form of oil film pressure equation and it computes the
pressure at each mesh point i and j by using a matrix solver.

To improve the iterative solution, a factor, w, called successive over-relaxation factor
(SOR) can be defined to the equation. The SOR method is used to relax the residual
terms to zero by successive iteration and it accelerates the convergence process. The
SOR factor is always between 1 and 2 (1< w <2). When w is equal to 1, iteration
method becomes Gauss-Seidel that convergence rate of Gauss-Seidel method is much
slower. The effect of relaxation factor change on convergence rate is shown in Figure
2.5 [16].
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Figure 2. 5: Convergence rate of successive over-relaxation scheme.

Once SOR factor is applied to the pressure equation 2.16, equation can be rewritten as

follow:
Pnewi,j (223)
= POldi'j
[A1P01di+1’j — AZPOZdi—l,j + A4POldi’j+1 + A4P0ldi']’_1 - A6
w
As + As
- POldi,j]

Equation 2.23 is used in MATLAB code for this thesis. The pressure terms can be
defined as Pnew; ; is the new calculated pressure and Pold, ; is the pressure from

previous iteration.

Load carrying capacity of the SFD is found by components of pressure projected along
the line of centers and load carried by the lubricant film can be calculated by
integrating pressure curve.

2n (2.24)
W, = Lf PR cos6d6

0
21 (2.25)

W, = LJ PR sin6d6
0
where Wy is radial load component and Wy is load in tangential direction, perpendicular

to the line of centers.

A MATLAB program is developed to represent the squeeze film damper bearing

model. Figure 2.6 is the flow chart illustrating the calculation of the characteristic
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parameters, oil film thickness, pressure, and load capacity. The code starts with the
film thickness calculation which uses an initial assumption of eccentricity and attitude

angle. Bearing geometry is illustrated in Table 2.1.

Table 2. 1: Squeeze film damper bearing geometry.

Bearing Parameters Value  Unit

Bearing radius [r] 0.068 m
Bearing radial clearance [c] 0.00025 m

Damper axial length [L] 0.045 m

Once film thickness is calculated, pressure calculation begins with the initial pressure
values defined for the interior nodes. Initial pressure is taken as 200kPa (2 bar). In
most of the SFD applications, supply pressure is not more than 2 or 3 bar to avoid
excessive weight and volume in the lubrication system. Operational parameters are

given in Table 2.2.

Table 2. 2: Operational parameters.

Operation Parameters Value Unit

Shaft whirling speed [®] 100  rad/sec

Oil supply pressure [Po] 200000 Pa

In several experimental studies of Andrés and Delgado [13, 17], tests are conducted
with around 1 bar supply pressure. Jeung et al. [18] presented results of single-
frequency dynamic loads tests conducted on squeeze film damper sealed with piston
rings. This study mainly focuses on the effects of two oil supply pressure, 0.69 bar and

2.76 bar, on the generated SFD oil film pressures and force coefficients.
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Figure 2. 6: Flow chart of calculations.

By using equation 2.23, the program predicts an updated pressure for each interior
node. It starts from the entrance edge of the oil film and calculates node by node until

all circumferential and axial node pressures are predicted.

The phenomena of the cavitation can be explained with the Sommerfeld pressure
curve. It is known that there are very small gas bubbles (dissolved gas) in large
quantities at atmospheric pressure in the oil. Non-condensable gases expand at low

pressure and total volume of non-condensable gases increases. In squeeze film
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dampers, once the fluid pressure falls under saturation pressure of gas in fluid, gaseous
cavitation occurs. The gas bubbles will grow and when oil pressure falls below to
vapor pressure, vapor cavitation occurs, and bubbles are eventually separated from oil

streams. Full Sommerfeld pressure distribution is shown in Figure 2.7 [3].

P Full Sommerfeld curve

Safuration pressure of
gap m liquid, P s

APImsile

Ptenslle. er

Figure 2. 7: Full Sommerfeld pressure distribution in circumferential direction.

In this thesis, pressures smaller than atmospheric pressure are set equal to atmosphere
pressure, 1 bar, by assuming fluid is cavitated under atmospheric pressures. Oil is
supplied to the low-pressure areas once cavitation occurs. Therefore, minimum oil
pressure in the system is always set to be atmospheric pressure. This method is known

as Half-Sommerfeld solution which limits the pressures to the convergent region.

The results found by Full-Sommerfeld condition are predicted with the assumptions
that bearing is run free of cavitation and with lifting of journal by negative pressures
in the diverging clearance section in Figure 2.8 [16]. In this study, cavitation is not
neglected. In Half-Sommerfeld boundary condition negative pressures are assumed to
be ambient pressure. Although, Half-Sommerfeld boundary condition violates the
conservation of mass at the rupture location, load carrying capability of the bearing
can be computed with acceptable accuracy. Therefore, Half-Sommerfeld approach is

adopted for its simplicity. Air entrapment and oil reformation is also neglected.
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Figure 2. 8: Full and half-Sommerfeld pressure distributions.

The prediction of pressure values can be repeated until the difference between two
successive iterations is found below the prescribed convergence criteria. A typical
tolerance value is 0.001 for dimensionless Reynolds equation. [16] Lubricant

properties used for pressure calculations are given in Table 2.3.

Table 2. 3: Lubricant properties.

Lubricant Properties Value  Unit
Oil viscosity [u] 0.0265 Pa.sec
Oil density [p] 800 kg.m?

In this study, it is assumed that oil film pressures only damp the unbalance load of
rotor and gravity force due to rotor mass. Rotor parameters are illustrated in Table 2.4.
Once pressure distribution is established along the damper length and circumference,
non-dimensional pressures are converted to the dimensional form. By integration of
pressures using equation 2.24 and 2.25, loads carried on X and Y axis can be

calculated.

The oil film pressure around the shaft generates reaction forces along tangential F and
radial Fr directions. Including rotor inertia and gravity force, reaction forces can be

calculated with equations 2.26 and 2.27.

F, = Mgcos(®) (2.26)
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E. = [(unbal)w?] — Mgsin(®) — Mé (2.27)

The resultant force of radial and tangential forces is equal to calculated force by
integration of generated oil film pressures around shaft surface. Figure 2.9 shows the

schematic of balance of reaction forces generated by oil film pressure.

w [}

\

Mgsin(®) Mgcos(®)
Mg

Figure 2. 9: Schematic of balance of forces.

The iteration is interrupted when the difference between the resultant force of reaction
forces Ft and Fr and resultant force of calculated Wy and Wy falls under convergence
criteria. The unbalance load is taken as the centrifugal force due to whirling motion of
rotor with a constant whirling speed, . Program continues to calculate new
eccentricity ratio, ¢, until balance condition is obtained. Once the system is in balance
for a calculated ¢, program starts calculating pressure for next shaft position (attitude
angle). To obtain the orbit radius, transient analysis is performed for different shaft

positions.

Table 2. 4: Rotor parameters.

Rotor Geometry Value Unit
Mass 10 kg
Unbalance 0.003  kg.m
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3. RESULTS AND DISCUSSION

3.1. Model Validation

The analytical model is validated with the experimental data originally presented in
study of Tao et al [2]. In this experiment, the damper journal is centered within the
housing with a fixed orbit radius. The oil supplied to the damper clearance from the
left end and this end of damper is sealed with an O-ring to avoid leakage from the end.
The other end of the damper opens to a plenum at constant pressure, 2 bar. This
configuration creates an axial flow and pressure variation from left end of damper to
the right end. Oil supply pressure relatively higher than plenum pressure to create axial

flow and prevent any reverse flow of air through supply line.

The analytical model in this thesis assumes that each end of the damper is set to be at
constant pressure, 2 bar. Oil flows outward to the damper ends when pressure is higher
than end pressures and flows inward when pressure is less than 2 bar. The main
difference between the damper system in analytical model and the test rig is that the
sealing mechanism introduced in the test. One end sealing cause axial flow in one
direction only and oil film creates higher pressure than analytical model. When oil
flow is divided into two direction axially, pressure also decreases. Therefore, the twice
as long length of the damper in the analytical model simulates the test condition. Table
3.1 shows the SFD geometry, oil properties and operating conditions used for the

validation.
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Table 3. 1: Analytical model and test parameters.

Value
P t . Unit
arameters Analytical Test s
Model Conditions
[2]
Damper length [L] 0.0622 0.0311 m
SFD - .
Geometry Bearing radius [r] 0.0647 0.0647 m
Bearing radial clearance [c] 0.000343 0.000343 m
Oil Oil viscosity [p] 0.0775 0.0775 Pa.sec
Properties
Oil density [p] 870 870 kg/m?®
Whirling speed [®] 52.34 52.34 rad/s
Operating
Conditions Boundary pressure [Po] 2 2 bar
Eccentricity ratio [e] 0.5 0.5 -

Since only half length of the analytical model simulates the test conditions, oil film
pressure is plotted for second half of the damper. Figure 3.1 shows the pressure

distribution from half length of the damper to right end of damper over the
circumference of damper.

180

0.2 «

Pressure [MPa]

62.22

46.65

180
= Bearing L h

Theta [deg] 0 31.11 earing Length [mm]

Figure 3. 1: Oil film pressure along circumference of SFD at second half of damper
for analytical model.
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During the test, peak to peak oil pressures and damper forces are measured for an air
oil mixture. Amount of air is changed during test and effect of the air in oil on SFD
performance is analyzed. Experimental data in the work of Tao et al. [2] presents the
pressure distribution at half-length of damper for different amount of air in the oil. In
this study, pure oil (oil without air) condition is not tested but the slope of the curve
which is extracted from several air-oil mixture conditions is close to zero for lower air
volume fractions. Therefore, the minimum air volume fraction (~10%) is chosen to
validate the analytical model. Peak-to-peak pressure is found 3 bar for the minimum
air volume fraction during the test and this data is shown in Figure 3 in the study of
Tao et al [2].

The pressure plot in Figure 3.1 shows the second half of the damper in the analytical
model. In the experimental work, peak-to-peak pressure is calculated for half of the
damper length. To compare peak-to-peak pressures, the pressure values at half length
of the plotted section of the damper in Figure 3.1 are used. Figure 3.2 shows the
pressure distribution along circumference direction at % length of the damper. The
peak-to peak pressure is found close to 3bar which is very consistent with the

experimental data.
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Figure 3. 2: Oil film pressure along circumference of SFD at % length for analytical
model.

The analytical model results showed a good agreement with experimental data in terms
of pressure values and behavior of the system. This agreement validates the analytical

model which can be used in development of future squeeze film dampers.
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3.2. Results

After analytical model is validated, different SFD geometry and operating conditions
are selected. Geometric parameters of the SFD are given in Table 2.1. Operating
conditions and lubricant properties are given in Table 2.2 and 2.3, respectively. Given
lubricant viscosity and density are belong to ISO VG 32 and it is used for several
applications in the industry. Rotor mass and unbalance are given in Table 2.4.

The oil film pressure distribution and oil film thickness along the circumference of the
SFD are calculated and plotted. Oil film thickness distribution does not change along
the bearing axial length considering that film thickness is a function of circumferential
location (0) and eccentricities (ex, ey) per the equation 2.3. Therefore, only
circumferential film thickness distribution for at any axial length of damper is plotted.
Figure 3.3 shows the oil film thickness for any circumferential location when shaft is
at an angle of 180° from the x axis. The peak values and the trend of the oil film
thickness distribution do not change for different shaft positions. Only pressure profile
shifts with shaft position change. Minimum oil film thickness occurs at § =@ and
maximum film thickness occurs at # =(®+r). When shaft is at 180° with respect to
bearing center, minimum film thickness occurred at 6=180° and maximum film

thickness occurred at 6=360° as expected.
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Figure 3. 3: Oil film thickness change along circumferential direction of damper for
any axial location.
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Oil film pressure is calculated by using equation 2.4 and plotted for rotor position at
180°, shown in Figure 3.4. The minimum oil film pressure in the system is the ambient
pressure. Pressures are limited in the convergent region by using Half-Sommerfeld
method.

phi=180deg
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180
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Figure 3. 4: Qil film pressure distribution over circumference and axial length of
bearing at ®=180".

Film thickness and pressure are plotted in same graph to show relation between
minimum film thickness and maximum pressure location in Figure 3.5. Maximum

pressure is seen closer to minimum film thickness location as expected.
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Oil Film Thickness vs. Pressure
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Figure 3. 5: Qil film pressure and film thickness distribution at shaft position, 180°.

Transient analysis is performed to observe the shaft eccentricity from bearing center.
The orbit response of the shaft is shown with the radial clearance in Figure 3.6. Shaft
initial position relative to bearing center (@) and initial eccentricity (e) is given in the
model and transient analysis results are plotted. Initial eccentricity given to the system
is not enough high to get system to steady state response. Orbit radius increases until
system reaches to balance, steady-state response. System reaches to steady-state

condition when eccentricity of the journal 0.191mm (eccentricity ratio is 0.7623).
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Figure 3. 6: Transient shaft response on eccentricity vs. bearing radial clearance.
3.3. Case Studies

Different cases are analyzed to see the effect of change in oil properties, operating
conditions and damper geometry on oil film pressure, shaft orbital response and

bearing load carrying capacity.

3.3.1. Whirling speed

The numerical model is run for higher speeds to see the effect of whirling speed on
developed oil film pressure, rotor response and bearing load capacities in X and Y
direction. Figure 3.7 shows the pressure distribution at half-length of the damper for
different whirling speeds; 100 rad/s (955rpm), 300 rad/s (2865rpm) and 500 rad/s
(4775rpm).
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Effect of Whirling Speed on Oil Film Pressure at Half

Length of Damper
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Figure 3. 7: Effect of whirling speed on developed pressure at half-length of damper
at ®=180".
It is seen from the figure that higher journal whirling speeds cause pressure increase.
The numerical model in this thesis assumes that oil pressure damps only unbalance
load and gravity force due to rotor weight. Rotor unbalance load is strictly dependent
on the whirling speed and unbalance. Therefore, once speed increases, unbalance load
also increases. Increased unbalance load results with higher oil film pressures since oil
will be squeezed more between journal and housing surface and it will create more
reaction force. With pressure increase, the integrated area becomes higher and load
carrying capacity increases. Figure 3.8 shows the reaction forces in horizontal and
vertical directions. For higher speeds, increase in Wx and Wy can be seen clearly.
Figure 3.7 is taken when journal is at 180° angle from X-axis. Based on the Figure 2.9,
horizontal force is in balance with radial force in equation 2.27. Generated radial force
is highly dependent on the unbalance load since unbalance load is acting in radial
direction and it is only component of F;. Therefore, when shaft is at 180° angle from
X-axis, the effect of whirling speed increase is more significant for horizontal force

than vertical force.
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Effect of Whirling Speed on Load Capacities
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Figure 3. 8: Effect of whirling speed on generated reaction forces at half-length of
damper at ®=180° .

Transient analysis is also performed to see the effect of whirling speed on rotor
response. Three different operating speeds, 100 rad/sec, 300 rad/sec, 500 rad/sec, are
conducted and orbital responses are shown in Figure 3.9. In all cases, final orbit
become circular once it reaches to steady-state condition. The orbit centers are not
aligned with geometric center (0,0) of housing. The reason is that rotor weight is

included to the numerical model with the equations 2.26 and 2.27.
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%107 Squeeze Film Damper Orbit for w=100rad/s
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Figure 3. 9: Effect of whirling speed on shaft response at half-length of damper,
a)100 rad/s b)300 rad/s ¢)500 rad/s.
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Figure 3.10 shows

the orbits of all three cases together to see the effect on whirling

frequency of journal on the rotor response. Due to increase on unbalance load, journal

reaches the steady-state response at higher eccentricities. There is no significant

increase on the eccentricity between 100 rad/s and 300 rad/s while the difference of

the case for 500 rad/s from smaller speeds is clearly seen. It can be explained with that

when journal speed increases, rotor gets in balance at higher eccentricities which

squeezes oil more.

center and eccentri

Table 3.2 shows the maximum journal eccentricity from bearing

city ratios for each analyzed whirling speeds at ®=180°.

Table 3. 2: Maximum rotor eccentricity at steady-state condition for different speeds

at ®=180°".

Whirling speed  Eccentricity Eccentricity

[rad/sec] [mm] Ratio
100 0.191 0.7623
300 0.189 0.7573
500 0.199 0.7978

From Figure 3.10,

it is also seen that orbit center gets closer to geometric center of

bearing housing even rotor moves more outward from center.

Y m]
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Figure 3. 10: Journal orbits for different speeds.
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3.3.2. Fluid inertia effect

In classical lubrication theory, inertial forces are assumed negligible comparing to
viscous forces in hydrodynamic journal bearings for the thin film regions [10].
However, in modern systems, inertia effects of the lubricant are included to the design
and analysis considering the increased velocities and sizes of rotors. The validated
model includes the fluid inertia to simulate the experimental conditions. Figure 3.11
shows the effect of fluid inertia on shaft orbital response for different whirling

frequencies, 100 rad/s and 500 rad/s.

25 %107 Effect of Fluid Inertia on Squeeze Film Damper Orbit
. T T T T T T T T

w/ Fluid Inertia for 100rad/s

w/o Fluid Inertia for 100rad/s
2+ w/ Fluid Inertia for 500rad/s |-
w/o Fluid Inertia for 500rad/s

0.5

Y [m]

Figure 3. 11: The effect of fluid inertia on journal orbit for different frequencies.

Inertia effect cannot be understood from Figure 3.11 easily since speed effect is more
significant than fluid inertia. Figure 3.12 shows a closer view of orbits given in Figure
3.11 within dashed line. For both whirling speeds, 100 rad/s and 500 rad/s, rotor orbit
radius is slightly higher for the cases that fluid inertia is included. The increase is more
significant for the higher speeds.
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w/ Fluid Inertia for 100rad/s
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Figure 3. 12: Closer view of shaft orbital responses for different whirling
frequencies.

Figure 3.13 shows the effect of fluid inertia on generated oil film pressure where
whirling speed is 500 rad/s. Fluid inertia does not significantly affect the oil film
pressure for these speeds. It increases peak pressure slightly but there is no significant
change on the shape of the pressure profile. For higher speeds, fluid inertia effect is
more significant on pressure. Hamzehlouia and Behdinan [10] studied the effect of
fluid inertia on SFD performance for different Reynolds numbers. Their model and
results showed that fluid inertia has significant contribution to the fluid dynamics.
Fluid inertia provided pressure magnitude increase and peak pressure location shifted

in direction of minimum film thickness location.
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Effect of Fluid Inertia on Oil Film Pressure
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Figure 3. 13: The effect of fluid inertia on oil film pressure for w=500 rad/s at
®=180°.
In the most studies published in the past, fluid inertia is not included to the SFD models
and it is assumed that inertial forces are very small comparing to viscous forces. In
recent studies, it is seen that effect of fluid inertia become very significant for higher
speeds turbomachinery and should not be neglected. In this thesis, very small Reynolds

numbers are analyzed so significant effect of fluid inertia is not observed.
3.3.3. Oil viscosity

In the main model, oil is selected as ISO VG 32 and viscosity of the used oil is 0.0265
Pa.sec for temperature 48°C. Two different viscosities are studied to represent the
effect of temperature change in SFD. ISO VG32 type of oil is comparable with SAE
10W. Based on Vogel viscosity equation and available constants for SAE 10W type
of oil, viscosities are found as 0.0371 Pa.sec and 0.0071 Pa.sec at 40°C and 90°C,
respectively. Figure 3.14 shows the effect of viscosity on oil film pressure by analyzing
three different temperature cases, relatively different viscosities. Higher temperatures
mean smaller viscosities and when viscosity becomes lower, developed pressure
increases at a higher rate whereas load carrying capacity of the fluid film remains

constant.
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The Effect of Viscosity on the Oil Film Pressure
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Figure 3. 14: The effect of viscosity on oil film pressure at ®=180°.

Due to eccentric motion of journal, significant amount of work done on the fluid and
it increases the oil temperature. When oil temperature become higher, viscosity
decreases, and effectiveness of damper is also decreasing. Therefore, the increase in
the pressure seen in Figure 3.14 for smaller viscosities is not expected. However, in
this numerical model, oil film thickness behavior changes rapidly since eccentricity
changes to get system in balance under unbalance load and rotor weight. The
eccentricities are shown for three different viscosities, temperatures in Figure 3.15.
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<107 Squeeze Film Damper Orbit for Different Viscosities
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Figure 3. 15: The effect of viscosities on shaft orbit radius.

The validation model is run at fixed eccentricity to compare the results with
experimental study which means oil film thickness distribution does not change during
operation. The effect of viscosity change can be seen better when oil film thickness
distribution is constant. Figure 3.16 shows the oil film pressure distribution at half-
length of damper when shaft is at 180° angle from x-axis for two different viscosities,
0.0775 Pa.sec and 0.0375 Pa.sec. It is seen that peak pressures decrease for lower

viscosities, higher temperatures as expected.
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Effect of Oil Viscosity on Oil Film Pressure for
Fixed Eccentricity
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Figure 3. 16: The effect of oil viscosity on oil film pressure for a fixed eccentricity
at ®=180°.

3.3.4. Rotor mass

The gravity force due to rotor mass is also included to the numerical model. Figure

3.17 shows the effect of rotor mass change on oil film pressure.

The Effect of Rotor Mass on Oil Pressure
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Figure 3. 17: The effect of rotor weight on oil film pressure at ®=180°.
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Oil film pressure increases when rotor mass is increased from 10kg to 20kg. The
reason of this change is that when rotor weight is increased, journal squeezes oil more
at initial position. When it starts whirling, the stabilization of rotor is achieved at higher
orbit radius which is shown in Figure 3.18. Since the shaft rotates at higher

eccentricities, oil squeezing creates more pressure for higher rotor weights.
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Figure 3. 18: The effect of rotor weight on shaft orbit radius.
3.3.5. Center groove

Various lubricant distribution methods can be applied to the SFDs depending on the
application. In most of the studies found in literature, deep groove located at middle
of the housing and lubricant is supplied to into grooves at constant pressure. It is
assumed that flow source is endless and there is no interaction between groove and
film lands. In the further studies, experimental measurements showed the evidence of
feed groove effect on generated hydrodynamic oil film pressures. This discrepancy is

occurred since a simpler physical model is used while lubricant passes from the
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orifices and swirls in the groove before it enters to film lands. Groove is also used to

have more stable operation. Once groove is added to the system, damper length
becomes shorter and unit loading increases [16].

In this thesis, SFD defined in numerical model has constant and continuous bearing
clearance. To understand the effect of any circumferential groove, model is updated
by adding a simple centered groove with a specific length and depth. Figure 3.19 shows
groove geometry used in numerical model. Groove depth is set to 2 times of damper

radial clearance and groove base length is set to 1/5 of total damper length.

x107* Center Groove Profile
I T T

Bearing
Journal

Groove Profile [m]

| I | | 1
0 5 10 15 20 25 30 35 40 45
Bearing Length [mm]

Figure 3. 19: Centered groove geometry.

The center groove divides the flow into two separate dampers which peak pressures
occur at two locations. Figure 3.20 shows the oil film pressure distribution for two

cases: main damper with no groove and damper with center groove.
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Figure 3. 20: Oil film pressure distribution for a) no-groove b) with center groove
design.

Based on Figure 3.20, it is seen that peak pressure does not occur at half of the damper
length for grooved design unlike no-groove design. Because of the groove, pressure
decreases on this area and peak pressure locations shift towards to damper ends. Once

oil film pressure decreases on groove location, film thickness also decreases. Since
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unbalance load is always balanced with reaction forces due to oil pressure, system

reaches to balance condition at higher eccentricities. The orbit change due to grooved

design can be seen in Figure 3.21.
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Figure 3. 21: SFD orbit change for grooved design.

Pressure decrease due to groove can be seen more clearly when journal is operating at

fixed eccentiricity. Figure 3. 22 shows the pressure distributions at 6=225° when shaft

is at angle of 180° from x-axis. While no-groove design reaches to peak pressure at

half of damper length, the system with center groove has two peak pressures slightly

at both side of groove location. Pressure decrease can be seen in Figure 3.22 clearly

while two peak points of pressure due to divided flow can be seen clearly in Figure

3.20.
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Oil Film Pressure Distribution along Axial Direction
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Figure 3. 22: Oil film distribution along axial direction for both no-groove and
center-groove design.
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4. CONCLUSIONS AND RECOMMENDATIONS

The numerical SFD model presented in this thesis is validated with an experimental
study and sensitivity analysis are conducted to see the effect of any parameter change

for operational, geometrical or on lubricant properties. According to obtained results;

1. The analytical model results showed a good agreement with experimental data

available in literature in terms of pressure values and behavior of the system.

2. The maximum oil pressure magnitude occurs at closest to the minimum film

thickness location for each shaft position.

3. Rotor unbalance load is strictly dependent on the whirling speed and
unbalance. Therefore, once speed increases, unbalance load also increases.
Increased unbalance load results with higher oil film pressures since oil will be
squeezed more between journal and housing surface and it will create more

reaction force.

4. When pressure increases, the integrated area become higher and load carrying

capacity increases.

5. Forall three different operating speeds, final journal orbit become circular once

it reaches to steady-state condition.

6. Since rotor weight is included to the model, the orbit centers are not aligned
with geometric center (0,0) of housing. It is slightly below the geometric

center. For higher speeds, orbit center gets closer to geometric center.

7. For both whirling speeds, 100 rad/s and 500 rad/s, rotor orbit radius is slightly
higher for the cases that fluid inertia is included. The increase on eccentricity

is more significant for the higher speeds.
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8. Fluid inertia does not significantly affect the oil film pressure for analyzed
speeds, small Reynolds numbers. It increases peak pressure slightly but there

is no significant change on the shape of the pressure profile.

9. Increase in rotor weight causes that journal squeezes oil more at initial position.
When it starts whirling, the stabilization of rotor is achived at higher orbit
radius. Since the shaft rotates at higher eccentiricities, oil squeezing creates

more pressure for higher rotor weights.

10. In center groove design, flow is divided into two separate damper. Once oil
film pressure decreases on groove location, film thickness also decreases.
System reaches to balance condition at higher eccentricities.

This numerical model can be a basis for an evolving program can be used in the

development of future squeeze film dampers.

This model can be improved by including different types of end sealing such as piston
rings, O-rings to prevent air entrapment and reduce oil leakage from damper area.
Current model uses Half-Sommerfeld boundary condition as cavitation modelling. As
a future study, cavitation model can be improved by using different methods such as
Gumbel or Elrod algorithm. Roughness of the surface can be included to the model to
represent actual cases. Boundary conditions can be updated to simulate different oil
supply lines to feed oil into damper clearance. A test set up where operating conditions
are controlled precisely can be built to validate the numerical model. Improving the
model with more realistic behavior of the system eliminates future test set-ups and
give enough confident to rely on simulation results for different designs, lubricants,

and operating conditions.
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